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Abstract

Experimental and numerical studies were conducted to investigate the forced convection and flow friction of a

turbulent airflow in a horizontal air-cooled rectangular duct, with square-sectioned cross-ribs mounted on its bottom

surface. Cross-sectional dimensions of the cross-ribs were 6.37 mm· 6.37 mm. Reynolds number of the fully turbulent

flow was maintained constant at 12,380. Heat was supplied uniformly to the airflow via bottom surface of the duct only.

Effects of varying the angle formed by the cross-ribs between 30� and 120� on the forced convection and flow friction

were studied. It was found that an optimum angle corresponding to the highest heat transfer coefficient occurred be-

tween 60� and 70�.
Computational predictions of forced convection and flow friction of the same rectangular duct mounted with cross-

ribs were performed with the zonal k–e model, the stability-guaranteed second-order difference scheme and the block

implicit method. A comparison with the experimental results indicated that a reasonably good agreement had been

achieved. Existence of an optimum angle formed by the cross-ribs between 60� and 70� was also indicated, except the

numerical predictions were lower than the experimental findings by approximately 2–10%. However, the flow friction

had been slightly over-estimated by 2–11% with the numerical model.

It was shown that forced convection could be enhanced sufficiently by mounting cross-ribs on the internal surfaces of

a rectangular duct, especially when the optimum angle was used.

� 2003 Elsevier Ltd. All rights reserved.
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1. Introduction

Artificial roughness on a surface has been widely

accepted as an effective technique to enhance the heat

transfer rate in a heat exchanger or the cooling passage

of a gas turbine blade. Roughness elements are used to

improve the convective heat transfer by promoting local

turbulence in the flow, however, it also leads to an in-

crease in pressure loss and hence a greater forced
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draught will be required. In order to keep the pressure

loss at a low level the turbulence should be created es-

sentially in the region very close to the surface, namely,

the laminar sub-layer. Consequently, roughness ele-

ments or grooves are usually produced on the internal

surfaces of a duct by appropriate machine processes or

attachment of small ribs.

A number of investigations had been carried out on

the heat transfer characteristics of rectangular ducts

with parallel ribs placed at right angle to the main flow

direction, and the ribs were made of different cross-

sections. Han [1] investigated experimentally the forced

convection in channels with parallel and crossed V-

shaped ribs. Liou and Hwang [2] studied experimentally
ed.
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Nomenclature

A surface area of the bottom surface of the test

section (m2)

a coefficients of the discretized Momentum

Equations (kg/s)

b constant source term

C1, C2, C3 numerical constants in Eqs. (5)–(7)

D interface diffusive flux (m/s)

e the rib dimension (or height) (m)

De equivalent hydraulic diameter of the test

section (m)

E, W, N, S locations of the eastern, western, north-

ern and southern points of the control vol-

ume

e, w, n, s locations of the eastern, western, northern

and southern interfaces of the control vol-

ume
_EE electric power supply to the heating plate

(W)

f average friction factor as defined in Eq. (2)

hm average convective heat transfer coefficient

(W/m2 K)

L length of the test section (m)

m, n, p power index in Eqs. (5)–(7)

NuDe
average Nusselt number as defined in Eq. (1)

Pr Prandtl number
_QQ forced convection to the airflow (W)

ReDe
Reynolds number ¼ umDe

m

� �
S source term

Tfm average fluid temperature in the test section

(K)

Twm average wall temperature of the test section

(K)

u, v, w velocity component (m/s)

um mean velocity through the test section (m/s)

x; y; z Cartesian ordinates (m)

C effective diffusive coefficient

/ general variable

m kinetic viscosity of the airflow (m2/s)

h angle formed by the cross-ribs (deg)

k thermal conductivity of the airflow (W/mK)

q density of the airflow (kg/m3)

Dp pressure drop across the test section (N/m2)
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the turbulent heat transfer and flow friction character-

istics in a rectangular channel mounted with parallel

triangular, semi-circular and square ribs on its internal

walls. Thermal performance of the slit-ribbed channel

had also been investigated [3] and was compared

with that of the solid-ribbed channel. Lorenz et al. [4]

measured the distribution of convective heat transfer

coefficient and pressure drop along the wall of a parallel-

ribbed channel by means of infrared thermograph.

Hwashida [5] studied experimentally the local heat

transfer of a parallel-ribbed surface with air at atmo-

spheric pressure and room temperature as the working

fluid. Saini and Saini [6] investigated the effect of using

an expanded metal mesh to produce roughness on the

convective heat transfer coefficient and friction factor of

a turbulent flow in a rectangular duct with large aspect

ratio. Chandra et al. [7] carried out an investigation on

the effect of adopting circular-rib and square-rib profiles

on turbulent channel flow heat transfer and flow friction

characteristics. Wang et al. [8] conducted a study on the

heat transfer of a developing turbulent flow in a ribbed

convergent/divergent square duct. Wong and Leung

[9,10] compared the thermal performance of air-cooled

triangular ducts fabricated with several kinds of artifi-

cially roughened surfaces. Internal roughness was pro-

duced on the internal surface of a triangular duct by

machine processes or fixing parallel square ribs/V-
grooves. It was concluded that the ribbed surface was

able to produce the highest heat enhancement.

The previous results were obtained primarily for

parallel ribs lying normally to the main airflow direction,

and mounting on one or two principal walls of the duct.

However, orthogonal to the main flow might not nec-

essary be the best arrangement to position the ribs [6],

and properly designed cross-ribs had been suggested to

provide even better thermal performance. Han et al. [11]

found that ribs inclining at an angle of attack of 45�
were able to produce superior heat transfer perfor-

mance. The present study was therefore carried out to

investigate the feasibility of using cross-ribs to enhance

the forced convection in a rectangular duct. Effect of

changing the angle formed by the cross-ribs (h) on the

convective heat transfer coefficient and friction factor of

the turbulent airflow in a rectangular duct were studied

by maintaining the Reynolds number constantly at

12,380. Cross-ribs of uniform cross-sectional dimension

were mounted on bottom surface of the duct. For

comparison purpose, thermal performance of the same

rectangular duct with smooth internal surfaces was also

investigated. Investigations on the heat transfer perfor-

mance of turbulent flow in cross-ribbed ducts, especially

numerically, have rarely been reported. Therefore nu-

merical study of the forced convection in cross-ribbed

rectangular duct was also conducted in the present
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work, in order to provide a better understanding of its

heat transfer characteristics.
Fig. 2. (a) Thermocouple locations along the test duct. (b)

Area-averaged pressure measurement locations.
2. Experimental arrangement

2.1. Test apparatus

In the present experimental study, the rectangular

duct consisted of an entrance section of 1000 mm length,

a test section of 1000 mm length, a combination section

of 400 mm length and an exit section of 1400 mm length,

as shown in Fig. 1. The first three sections, having

identical cross-sectional shape and dimensions of 150

mm width and 30 mm height, were fabricated with

wooden plates of 18 mm thickness. They were joined

together with flanges consisting of a wooden plate, a

duralumin plate and a rubber sheet in sandwich ar-

rangement. The entrance section had a hydraulic dia-

meter of 50 mm and a sufficiently long length of 1000 mm

to ensure a fully-developed flow in a significant part of

the test section under turbulent flow condition [9,10].

The wooden plate and the rubber sheet served as ther-

mal insulation to avoid heat loss from the ends of the

test section to the entrance and combination sections.

The combination section and the exit section were

thermally insulated by a 40 mm thick glass fiber blanket

with thermal conductivity of 0.35 W/mK to minimize

the heat loss.

A cross-sectional view of the test section is shown in

Fig. 2. Bottom surface of the test duct consisted of three

layers arranging in sandwich: a duralumin plate of 2 mm

thickness, a heating plate of 2 mm thickness and a

wooden plate of 18 mm thickness. A thin duralumin

plate of high thermal conductivity of 180 W/mK was
Fig. 1. Experime
used to achieve a more uniform heat flux to the airflow.

Each duralumin square rib was attached to the duralu-

min plate by means of two M1-screws according to a

pre-determined crossing-pattern, and an aluminium foil

of 0.18 mm thickness was applied between the ribs and

the duralumin plate to ensure an excellent and uniform

contact. The solid square ribs used in the present in-

vestigation had a uniform cross-sectional dimension of

6.37 mm · 6.37 mm. The rib height to channel hydraulic

diameter ratio was 0.127. The rib height chosen was to

ensure that it would be greater than the laminar sub-

layer thickness even at low Reynolds number [9,10]. A

thick wooden plate was used to provide a high resistance

to the heat flow such that most of the heat generated by

the heating plate could be delivered to the airflow via the

duralumin plate. Arrangement of the cross-ribs on the

bottom surface is presented in Fig. 2a for the case of an
ntal set-up.
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angle of 45� formed by the cross-ribs. Centerline

through the crossing point of two ribs was in the axial

direction of the duct. There were three centerlines across

the width of the duct, with one at the middle and the

other two along the two edges. Other angles between 30�
and 120� had also been used in the present study with an

interval of 10�. When the angle increased, separation

between two consecutive crossing points along the axial

direction of the duct decreased.

The combination duct was designed to ensure a more

accurate measurement of the exit air temperature [12]. In

order to measure the bulk temperature of heated fluid

more accurately, a special mixing device had been built

inside the combination duct, which consisted of two

specially fabricated plates installing at a right angle to

the main flow direction and separating by an axial dis-

tance of 200 mm. The first plate had a bigger rectangular

hole of 200 mm· 20 mm at its center, while the second

plate possessed eight smaller circular holes of 14 mm

diameter. When the air stream was flowing through

these two specially fabricated plates, strong mixing was

occurred leading to a more uniform temperature of the

exit flow.

A centrifugal blower powered by a 1.5 kW electric

motor drove the ambient air through the rectangular

duct, and the mass flow rate could be controlled by the

air adjust-valve, which was fixed at the exit of the exit

section. A FC501 micro-manometer equipped with a

Pitot tube, two digital thermometers and a Pitot tube

were the major instruments used to measure pressure,

temperature and mass flow rate respectively. Uniform

heating was provided by the electrically heating plate,

which was fixed between the duralumin plate and the

wooden plate at the bottom surface of the test duct with

connecting bolts. The heating plate was able to supply a

maximum power of 1800 W, which was measured by a

power-meter and regulated by a variable transformer.

The same test apparatus was used for the experiments

conducted with the rectangular duct of smooth internal

surfaces, during which no ribs were attached.

2.2. Measurement of temperature, pressure drop and flow

rate

2.2.1. Temperature measurement

The inlet air temperature was measured by a T-type

thermocouple positioned at the inlet of the entrance

duct. There were five T-type thermocouples used to

measure the outlet air temperature. These thermocou-

ples were placed on a very thin duralumin mesh con-

necting to the flange between the combination duct and

the exit duct. Wall temperatures of the test duct were

measured with T-type thermocouples. Locations of the

thermocouples were varied in different tests, depending

on the angle formed by the cross-ribs on the duralumin

plate. As shown in Fig. 2a, five thermocouples were
embedded at the center of each parallelogram along the

centerline of the duct. In order to install the thermo-

couples, small holes and shallow grooves were machined

on the backside of the duralumin plate. Each of these

grooves was 1 mm deep and 1 mm wide, being vertical to

the axial centerline of the duralumin plate. A small hole

of 1 mm depth and 0.6 mm diameter was drilled at the

end of each shallow groove. The junction of each ther-

mocouple was then affixed to the small hole with sol-

dering tin and epoxy. Epoxy was also applied to the

shallow groove to hold the thermocouple in place. Good

physical contact between the thermocouple and the

small groove was checked with a multi-meter. The error

in temperature measurement should be within ±0.5 �C.

2.2.2. Pressure drop measurement

In order to determine the pressure drop across the

test section, the area-averaged pressures at two cross-

sectional planes in the test section were obtained. Both

planes were 0.2 m from both ends of the test duct, where

the end effect, which was further minimized together

with the use of the entrance and exit ducts, became

negligible. At each plane, nine pressure measurements

were made using a Pitot tube, which was inserted into

the test section through the three circular pressure taps

at its top wall with the vertical position fixed by means

of a vernier. The measurement points were the centers of

a uniform 3 by 3 array of rectangles with each of them

having a dimension of 50 mm width and 10 mm height.

The taps were fabricated with organic glass and each

of them had a diameter of 1.5 mm. An FC501 micro-

manometer was used to provide the pressure readings

from the Pitot tube signals in the range from 2 to 200 Pa

with an error on the reading of ±1%.

2.2.3. Measurement of flow rate

The air velocity distribution across the duct was

measured with a Pitot tube of 5 mm diameter, which was

fixed at the exit section and equipped with a manometer.

An adjust-valve was installed at the inlet of the blower to

control the flow rate of air through the system as shown

in Fig. 1. The local air velocities were taken from nine

different locations with an interval of 5 mm across the

same cross-sectional plan of the exit. Accurate posi-

tioning of the Pitot tube was achieved by using a vertical

traversing mechanism mounted on a vernier caliper. The

airflow rate was then obtained by numerical integration

over the cross-section. The error in flow rate measure-

ment by using this method should be within ±4% [9,10].

2.2.4. Measurement of time-averaged experimental data

Because of the highly transient nature of a turbulent

flow, a personal computer was used to facilitate the

measurement of experimental data as presented in the

previous study of Wong and Leung [9,10]. Recording of

the data was started only when the entire system had
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achieved its steady-state after running for a certain pe-

riod. Data would be taken continuously for 1 min with a

sampling time of 1 s. This period should not be too long

to avoid significant change of the operating conditions.

The recorded data were then examined to ensure no

large deviation was existed, before they were averaged to

give the time-averaged experimental values.
Fig. 4. Variation of average friction factor with cross-rib

angles.
3. Data processing and handling

The experimental data were rearranged into non-di-

mensional parameters. The average Nusselt number and

friction factor of the duct were defined as:

NuDe
¼ hmDe

k
ð1Þ

f ¼
Dp
L

� �
De

1
2
qu2m

ð2Þ

Hydraulic diameter of the test section (De) was main-

tained constantly at 0.05 m throughout the present

study.

The average heat transfer coefficient of the bottom

surface of the rectangular duct was determined by:

hm ¼
_QQ

AðTwm � TfmÞ
ð3Þ

In the determination of the heat transfer to the airflow

by forced convection ( _QQ), heat loss via external surfaces

and ends of the test section was first deducted from the

power supply ( _EE) to the heating plate. Using the same

procedure as adopted in a previous study of Wong and

Leung [9,10], this heat loss was predicted to be around

8% of the power supply, i.e.

_QQ ¼ 0:92 _EE ð4Þ
Fig. 3. Variation of average Nusselt number with cross-rib

angles.
Because of the very low temperature variation between

internal surfaces of the test section and the absence of

absorbing gas, radiation could be assumed negligible

[9,10]. The average Nusselt number and friction factor

of the rectangular duct calculated from Eqs. (1) and (2)

were plotted against angle formed by the cross-ribs, and

presented in Figs. 3 and 4 respectively.
4. Numerical simulation

4.1. Mean flow equations

In the present study, numerical simulations were

performed for the above-mentioned rectangular duct

using the zonal k–e model and the block implicit method

(BIM). The zonal k–e model comprises a combination of

the high-Re k–e model for the fully turbulent core and

the low-Re one-equation-model of the k-transport
equation, in which the dissipation rate, e, within the

near-wall region is obtained from the near-wall distance.

The model has been applied with reasonable success to

the computation of heat transfer in two-dimensional

ribbed passage [13]. The coordinate system used for the

present study is shown in Fig. 5a. The governing equa-

tions are expressed in Cartesian tensor notation as fol-

lows:

Continuity:

oðqujÞ
oxj

¼ 0 ð5Þ

Momentum transport:

oðqujuiÞ
oxj

¼ � op
oxi

þ o

oxj
l

oui

oxj

��
þ ouj

oxi

�
� qu0iu

0
j

�
ð6Þ

Energy:

oðqujT Þ
oxj

¼ o

oxj

l
Pr

oT
oxj

�
� qu0jT 0

�
ð7Þ



Fig. 5. (a) Coordinate system used for the present study. (b)

Computational grid (cross-rib angle¼ 60�). (c) The control

volume ‘‘P ’’.
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4.2. Turbulence modeling equations

Effective viscosity model (EVM) [13]:

�qu0iu
0
j ¼ � 2

3
kdij þ lt

oui

oxj

�
þ ouj

oxi

�
; lt ¼ qcl

k2

e
ð8Þ

In the fully turbulent core:

oðqujkÞ
oxj

¼ o

oxj
l

��
þ lt

rk

�
ok
oxj

�
þ Pk � qe ð9Þ

Pk ¼ �qu0iu
0
j

oui

oxj

� �
ð10Þ

oðqujeÞ
oxj

¼ o

oxj
l

��
þ lt

re

�
oe
oxj

�
þ e

k
ðce1Pk � qce2eÞ ð11Þ

In the near-wall region [14], the dissipation rate and

the turbulent viscosity were obtained from:

e ¼ k3=2

le
and lt ¼ qclll

ffiffiffi
k

p
ð12Þ

The length scales were obtained from the near-wall

distance, Y , according to:

le ¼ 2:55Y ½1� expð�0:263yþÞ	 ð13Þ
lk ¼ 2:55Y ½1� expð�0:016yþÞ	 ð14Þ

where yþ ¼ q
ffiffiffi
k

p
Y =l is the dimensionless wall distance.

4.3. Modeling of turbulent heat fluxes

The effective diffusivity approximation was employed

for the heat fluxes.

�qu0iT 0 ¼ lt

rT

oT
oxi

ð15Þ
4.4. Modeling constants

The empirical constants in the turbulence equations

have the following values, in accordance with the pro-

posals of Jones and Launder [13] for the k and e equa-

tions:

5. Computational details

In this section, the grid system, numerical algorithm

and the difference scheme of the convection term are

described briefly.

5.1. The present grid

The domain extension method was adopted. In this

method, a stair-stepped boundary was used to simulate

the curve or skew geometric boundary. Such treatment

may cause some errors which can be eliminated by re-

fining the grid. Moreover, the fluid–solid coupled heat

transfer can be solved better using this method [15]. The

present computational grid of 52· 32· 132 is shown in

Fig. 5b, which becomes finer near the solid walls. The

effect of the grid spacing on the computed results was

checked by increasing the grid number to 102 · 62· 132,
and no obvious difference for both the friction factor

and Nusselt number was observed.

5.2. Discretization of the governing equations

The differential equations in respect of a variable /
for a steady-state convection–diffusion problem can be

written as:

oðquj/Þ
oxj

¼ o

oxj
C/

o/
oxj

� �
þ S/ ð16Þ

A two-dimensional problem is taken as an example

for demonstration purpose. The typical control volume

is shown in Fig. 5c. The finite-volume method is applied.

Therefore, after integrating over the control volume P ,
the discrete equation becomes:

cl ce1 ce2 rk re rT

0.09 1.44 1.92 1 1.3 0.9
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Fe/e � Fw/w þ Fn/n � Fs/s

¼ S/dxdy þ Deð/E � /P Þ � Dwð/W � /P Þ
þ Dnð/N � /P Þ � Dsð/S � /P Þ ð17Þ

The variable / at the control volume interface can be

determined using an interpolation or extrapolation in-

volving values of the geometric shape of the neighboring

grid-point.

To complete the discretization process, the interface

values of / are interpolated by the stability-guaranteed

second-order difference (SGSD) scheme [16]. This

scheme can automatically choose the appropriate

difference scheme according to the available local field

information in different space and/or time. It auto-

matically approaches the central difference scheme

where or when the diffusion is dominant, and ap-

proaches the second-order upwind difference scheme

where or when the convection is dominant. It is a

scheme that demonstrates absolute stability and high

accuracy. For example, the value of variable / on the

east surface is estimated as:

/e ¼ b/CD
e þ ð1� bÞ/SUD

e and b ¼ 2=ð2þ jPDjÞ
ð18Þ

CD and SUD designate the central difference and the

second-order upwind difference. The factor b is obtained

from the previous iteration results and PD is Peclet

number of the grid. For stable convergence during the

iteration procedures, the deferred-correction method is

adopted, which is initially proposed in [17] and latter

enhanced in [18]. With the deferred-correction method,

interpolation for the interface variable is expressed as the

sum of a low-order (such as the first-order upwind) dif-

ference scheme and a correction term corresponding to

the scheme is employed. Thus Eq. (18) may be written as:

/e ¼ /FUD
e þ f½b/CD

e þ ð1� bÞ/SUD
e 	 � /FUD

e gold ð19Þ

FUD designates the first-order upwind difference and

old designates the previous iteration results. Using Pat-

ankar�s notation [19], Eq. (17) can be written in the

form:

aP/P ¼ aE/E þ aW/W þ aN/N þ aS/S þ b þ Sad ð20Þ

where aP ¼ aE þ aW þ aN þ aS � SPdxdy

aE ¼ De þ ½j � Fe; 0j	

aW ¼ Dw þ ½jFw; 0j	

aN ¼ Dn þ ½j � Fn; 0j	

aS ¼ Ds þ ½jFs; 0j	

b ¼ Scdxdy

Sad ¼ �Sad;e þ Sad;w � Sad;n þ Sad;s

Sad is the additional source term because of employing

the deferred-correction method.
5.3. Block implicit method [20]

For the four interfaces of the control volume P de-

noted by ði; jÞ, we have:

Au
cui;j ¼ Au

Wui�1;j þ Au
Euiþ1;j þ Au

Sui;j�1 þ Au
Nui;jþ1

þ ðpi�1;j � pi;jÞdy þ ðSudxdy þ Su
adÞi;j ð21Þ

and

Au
cuiþ1;j ¼ Au

Wui;j þ Au
Euiþ2;j þ Au

Suiþ1;j�1 þ Au
Nuiþ1;jþ1

þ ðpi;j � piþ1;jÞdy þ ðSudxdy þ Su
adÞiþ1;j ð22Þ

and

Av
cvi;j ¼ Av

Wvi�1;j þ Av
Eviþ1;j þ Av

Svi;j�1 þ Av
Nvi;jþ1

þ ðpi;j�1 � pi;jÞdx þ ðSvdxdy þ Sv
adÞi;j ð23Þ

and

Av
cvi;jþ1 ¼ Av

Wvi�1;jþ1 þ Av
Eviþ1;jþ1 þ Av

Svi;j þ Av
Nvi;jþ2

þ ðpi;j � pi;jþ1Þdx þ ðSvdxdy þ Sv
adÞi;jþ1 ð24Þ

The continuity equation can be approximated by

central difference scheme:

ðquiþ1;j � qui;jÞdy þ ðqvi;jþ1 � qvi;jÞdx ¼ 0 ð25Þ

We can solve Eqs. (21)–(25) simultaneously, and then

scanning the whole field once or several times point by

point to complete one iterative process. These processes

are repeated until the iterations are converged. The

other variables, such as T , K and e can be directly solved

from Eq. (20).

5.4. Boundary conditions

Solid surfaces: No-slip conditions for velocity were

assumed and the turbulent kinetic energy was set to zero

on all solid walls. The dissipation of the turbulent ki-

netic on solid walls had no effect on the internal field

because it was obtained from Eq. (12). The two side

walls and the upper wall were assumed to be adiabatic.

Uniform heat flux was applied to the bottom wall.

Inlet: Profiles of the axial velocity and temperature

were assumed to be uniform. The turbulent kinetic en-

ergy and its dissipation rate were adopted according to

Patankar�s method [21].

Outlet: The axial velocity was assumed to match local

one-way condition [15]. For the other variables, the

Neumann condition was employed.

5.5. The definition of friction factor and Nusselt number

The average friction factor was defined as Eq. (2) and

the Nusselt number presented herein was defined as

below:
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Nu ¼
R

Nuz dzR
dz

ð26Þ

Nuz was the local Nusselt number along the main flow

direction and given by:

Nuz ¼
Z �

� oT
oy

�
y¼0

dx=ðTW � Tb;zÞ ð27Þ

Tb;z was the local bulk temperature and defined as:

Tb;z ¼
Z Z

qjwjT dxdy
Z Z

qjwjdxdy
�� �

z

ð28Þ
Fig. 6. Local magnified streamlines on the streamwise central

plane for various cross-rib angles (a magnification of 10 for the

y-axis).
6. Results and discussion

The average Nusselt number and friction factor of

the cross-ribbed rectangular duct obtained from both

experimental study and numerical simulation were

plotted against angle formed by the cross-ribs and pre-

sented in Figs. 3 and 4 respectively.

As seen in Fig. 3, forced convection can be enhanced

by mounting cross-ribs on the heated surface of a rect-

angular duct. The average Nusselt number for the duct

with cross-ribbed surface, regardless of the angle, was

significantly higher than that for the smooth duct. The

findings were in good agreement with those of Wong

and Leung [10]. Comparing the thermal performance of

the ducts with cross-ribbed surface, the ducts with angle

60� and 70� formed by the cross-ribs produced the

highest average Nusselt number. It is obvious that a

peak value in the average heat transfer coefficient would

be obtained at an angle between 60� and 70�, which is an

optimum range corresponding to the maximum forced

convection from the ribbed duct to the airflow. In ad-

dition, the numerical predictions generally agree with

the experimental results in the present study, except that

the numerical predictions are on the average slightly

lower by 2–10% throughout the entire range of investi-

gation.

When cooler air flows over the electrically heated

cross-ribbed surface, development of boundary layer on

the surface will be highly affected by the presence of the

ribs. Vortex is formed around the rib surface to promote

the local turbulence, which will enhance the forced

convection. Strength of the vortex depends on several

parameters such as the flow condition, the fluid prop-

erties and geometry of the ribbed surface, which includes

shape and size of the ribs and angle formed by the cross-

ribs. The latter also affects directly the separation be-

tween adjacent ribs, as it will be reduced when the angle

formed by the cross-ribs is increased. Rib separation has

been suggested by Han [1] to be an important parameter

dominating the thermal performance of a surface with
parallel ribs. As the average heat transfer coefficient

reduces monotonically when the angle formed by the

cross-ribs is increased from 70� to 120�, it is there-

fore reasonable to suggest that thermal performance of

the ribbed duct will continue to decrease when the angle

is further increased to 180� (i.e. a parallel-ribbed sur-

face).

Flow fields on the vertical plane at the centerline of

the cross-ribbed duct along the main direction airflow

were obtained in the present numerical study. The flow

field in the ribbed duct, with angle formed by the cross-

ribs from 30� to 90�, is shown in Fig. 6. The flow field

around the rib surface, including that at the crossing

point between two ribs, is presented. At the leeward side

of the rib, the streamlines above the duct surface are

closer at the angle of 60� or 70�, which implies a higher
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local flow velocity as well as a larger velocity gradient

around the wall region. Consequently, it leads to a better

promotion of the local turbulence to enhance the sec-

ondary flow there and hence results in higher forced

convection.

As presented in Fig. 4, the price of enhancing the

forced convection by mounting cross-ribs on the internal

surface of a rectangular duct is the higher friction factor.

A rectangular duct with smooth surface encountered a

significantly lower pressure drop than the ducts with

ribbed surface. This finding agreed well with the study of

Ahn [22], who investigated the effect on forced convec-

tion with the use of different rib shapes. Comparing with

the experimental results, a slightly higher prediction of

2–11% in the friction factor was obtained from the nu-

merical prediction. Both experimental and numerical

simulation studies predicted a maximum friction factor

within the range of 70–80�.
7. Conclusions

The present study provided information on the

forced convection and pressure drop characteristics of a

rectangular duct with its bottom surface mounted with

cross-ribs. Such arrangement of ribs has rarely been

reported in the literature. Both forced convection and

pressure drop in the rectangular duct were enhanced

significantly by mounting square-sectioned cross-ribs

uniformly on its bottom surface, when it was operating

under turbulent flow condition.

According to the present experimental and numerical

studies, use of cross-ribs could be a promising solution

to enhance the forced convection in a rectangular duct.

The ability of the cross-ribbed surface to enhance forced

convection was found to be better than the well-known

parallel-ribbed surface. The major drawback of applying

the cross-ribbed surface was the larger pressure drop

and hence a higher friction factor.

An optimum range of angles formed by the cross-ribs

corresponding to a maximum enhancement of forced

convection was observed. According to the experimental

and numerical results obtained, its value would be be-

tween 60� and 70�. Within this optimum range, a sig-

nificantly higher heat transfer coefficient between the

ribbed surface and the airflow was obtained.
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